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Abstract In this paper, cold-room systems in Turkey’s var-
ious regions were analyzed as case studies to demonstrate the
application of the proposed model. They were also compared
with each other in terms of the alteration of alternative refrig-
erants and insulation thickness and energy and exergy analy-
ses of the cold rooms’ refrigeration system. The coefficients
of performance (COP), refrigerant charge rates, volumetric
refrigeration capacity and capacities of each component of
the refrigeration system for the refrigerants CFC-12, HCFC-
22 and their alternatives, such as HFC-134A, HFC-404A,
HFC-407C, HFC-410A and HFC-507, were determined by
considering the effects of the main parameters of the per-
formance analysis, such as refrigerant type, degree of sub-
cooling, superheating and compressor efficiency. The first
law efficiencies, exergy efficiencies and irreversibility rates
were also obtained and discussed in this theoretical study.
Based on the results of the energy analyses, all the alterna-
tive refrigerants have a slightly lower COP and require lower
refrigerant charge rates than CFC-12 and HCFC-22 for con-
densation temperatures ranging from36-47 °C. The investi-
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gated large cities in Turkey have an evaporation tempera-
ture of —6 °C regarding the preserved product and various
ambient temperatures of these largest cities of Turkey range
from 3142 °C in the case studies. Based on the results of the
exergy analyses, the compressor has the greatest irreversibil-
ity, followed by the expansion valve, condenser and evapo-
rator as the components of the refrigeration system.
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Abbreviations

A Area, m?

CFCs Chlorofluorocarbons

COP Coefficient of performance

Cp1 Specific heat for the temperature above the
freezing temperature, J kg~ K~

Cp3 Specific heat for the temperature after
freezing process, J kg~! K~!

E Exergy rate, kW

e Specific exergy, kJ kg~!

Eq Rate of exergy of heat input, kW

Ew Rate of exergy of power output, kW

F Defrost factor

GWP Global warming potential

h Enthalpy, kJ kg~!

hi Inner convective heat transfer coefficient,
Wm2K"!

hq Outer convective heat transfer coefficient,
Wm2K!

Hy Air alteration coefficient

HCFCs Hydro chlorofluorocarbons

HCs Hydrocarbons

HFCs  Hydro fluorocarbons
1 Rate of irreversibility, kW
k Thermal conductivity, W m~2 K~!
K Total heat transfer coefficient, W m—2 K~
L Length, m
1 Freezing heat of product, W kg~!
m Mass flow rate, kg g1
Me Exergy flow rate of working fluid, kg s !
mp Mass of product, kg
Neh Total number of electric heaters in the cold room
Nem Total number of electric motors in the cold room
np Total number of people in the cold room
ODP Ozone depletion potential
P Pressure, MPa
R Refrigerant
S Entropy, kJ kg=! K~!
Q Heat rejection rate, kW
0Oi Heat generation of a person, kW
T Temperature, °C or K
To Environmental reference temperature, °C or K
t41 Total working duration of people in the
cold room, h
tan Illumination time for a day, h
143 Total working time of an electric motor, h
W Isentropic compression work, kNm kg~!
Wi Power of illumination, kJ
W, Power of electric motors, kJ
W3 Power of electric heaters, kJ
AT Temperature difference, K

Springer

Greek Symbols

p Density, kg m3

n Efficiency

6 Efficiency defects

Subscripts

afp After freezing point of product
cl Ceiling

CL Cooling load

CR Cold room

comp Compressor

cond Condensing/condenser

E Exergy

evap  Evaporating/evaporator

fl Floor

fp Freezing point

gen Generation

in Inside

out Outside

T Total

tv Throttling valve

1 Evaporator superheat

2 Compressorsuperheat

3 Condensersaturated liquid
4 Evaporator saturated mixture

1 Introduction

The refrigeration process is the main process of cold-room
systems, which provide proper preservation temperatures to
preserve the quality of products. The product is usually a
type of perishable food within a certain isolated volume. In
addition, many types of medical and perishable products are
stored in the same way. It is important for designers to pay
attention to the cooling load and the freezing temperatures,
which prevent the growth of bacteria. Further, they should
know the correct and appropriate type of compressor and
condenser to be used in the cold-room system in advance.
There are numerous details to plan at the design stage, such as
efficient cold-storage space, its location with regard to trans-
portation time from the cold room to the market area, product
types stored together at the same time, building materials and
seasonal temperature changes of its location.

Many investigations have conducted research on substi-
tutes for CFC-12 and CFC-22. Chlorine atoms cannot be
contained in the chemical structure of candidate refrigerants
due to their harmful effects, such as ozone layer depletion
and global warming. Since the discovery of the depletion
of the earth’s ozone layer and as a result of the 1992 United
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Nations Environment Program meeting, the use of CFC-
11 and CFC-12 has been phased out. They were used pri-
marily in conventional refrigeration and air conditioning
equipments. Besides this, HCFCs is expected to be prohib-
ited after 2030[1]. HFC-134A and HFC-152A were pro-
posed as replacements of CFC-12 by the American House-
hold Appliances Manufacturers (AHAM) [2]. They can be
used as alternative refrigerants in domestic refrigeration due
to their specifications of non-toxicity, flammability classes
as Al for R134A and A2 for R152A, and better ozone-
depleting potential (ODP) and global-warming potential
(GWP). The commercial refrigerant propane/isobutane
blends have been utilized in small systems as substitutes for
CFC-12 in recent years. Moreover, R407C is acceptable as
a short-term replacement for R22 due to its having similar
properties to R22.

Wongwises et al. [3] performed an experimental study on
the application of hydrocarbon mixtures to replace HFC-
134A in automotive air conditioners. The hydrocarbons
investigated were propane (R290), butane (R600) and iso-
butane (R600A). The measured data were obtained from an
automotive air conditioning test facility that utilized HFC-
134A as the refrigerant. Wongwises and Chimres[4] con-
ducted an experimental study on the application of a mixture
of propane, butane, and isobutene to replace HFC-134A in
a domestic refrigerator. The results showed that a 60/40
propane/butane mixture was the most appropriate alterna-
tive refrigerant. Wongwises and Pirompak [5] reported the
results of simulations using an adiabatic capillary tube model
developed to study the flow characteristics in adiabatic cap-
illary tubes used as control devices in refrigerating systems
and validated by the usage of alternative refrigerants and
their mixtures. Wongwises et al. [6] presented a theoretical
comparison of the flow characteristics of numerous pairs
of refrigerants flowing through adiabatic capillary tubes.
For all pairs, numerical results showed that the traditional
refrigerants consistently gave lower pressure drops for both
single-phase and two-phase flow than the environmentally
acceptable alternative refrigerants, which resulted in longer
tube lengths. Dalkilic and Wongwises [7] performed a theo-
retical performance study on a traditional vapor compression
refrigeration system with refrigerant mixtures based on HFC-
134A, HFC-152A, HFC-32, HC-290, HC-1270, HC-600 and
HC-600A for various ratios. They compared their findings
with CFC-12, CFC-22, and HFC-134A as possible alter-
native replacements. Results showed that all the alternative
refrigerants investigated in the analysis had a slightly lower
performance coefficient (COP) than CFC-12, CFC-22 and
HFC-134A. Dalkilic and Wongwises [8] compared a single-
stage vapor compression refrigeration system with an actual
vapor compression cycle, a single-stage process with an
internal heat exchanger and a two-stage process with an
economizer using HCFC-22 and CFC-502 and their alterna-

tives, such as HFC-134A, HFC-32, HFC-152A, HFC-404A,
HFC-407C, HFC-507 and HFC-410A. Some of the alterna-
tive refrigerants’ COP values were found to be higher than
those of their base traditional pure refrigerants. The effects
of the main parameters of the performance analysis, such as
refrigerant type, degree of subcooling and superheating on
the performance coefficient, refrigerant charge rate and vol-
umetric refrigeration capacity, were investigated for various
operating conditions as case studies. Dalkilic[9] presented
a comparison of CFC-12, HCFC-22, CFC-502 and their
alternatives, such as HFC-134A, HFC-152A, HFC-404A,
HFC-407C, HC-290, HC-600A, R717 (ammonia) and three
mixtures composed of HFC-134A, HFC-152A, HC-600A
and HC-290. His theoretical performance study on a cascade
refrigeration system was conducted using two refrigeration
cycles connected through a heat exchanger in the middle
of the cycle working as an evaporator for the high-pressure
cycle and a condenser for the low-pressure cycle. The sepa-
rate usage of R717 and HFC-152A for the high-pressure and
low-pressure sections of the cascade system, respectively,
was found to be superior in the analysis to determine the
COP and refrigerant charge rates.

Exergy can be defined as a potential or quality of energy.
Based on a review of the literature, it seems that the deter-
mination of a sustainable quality assessment of energy is
possible. There is a relationship among the laws of thermo-
dynamics and exergy. There are specific applications that
require the simultaneous calculation of exergy and energy.
Dopazo et al. [10] investigated a cascade refrigeration system
with CO, and NH3 as working fluids in the low- and high-
temperature stages, respectively. Determinations of COP and
exergetic efficiency and optimization studies based on the
optimum CO» condensing temperature have also been per-
formed. Lee et al.[11] used CO, and R717 in a cascade
refrigeration system to determine the optimal condensing
temperature of the cascade condenser, given various design
parameters, to maximize the COP and minimize the exergy
destruction of the system. They found that the maximum COP
increased with evaporating temperature, but decreased as the
condensing temperature or temperature difference between
the brine and the refrigerant increased. Kanoglu [12] per-
formed an exergy analysis of the multistage cascade refriger-
ation cycle used for natural gas liquefaction. The equations of
exergy destruction and exergetic efficiency for the main cycle
components, such as evaporators, condensers, compressors
and expansion valves, were developed in his study.

In this study, a single-stage vapor compression refrigera-
tion cycle for some well-known pure refrigerants was inves-
tigated to conduct energy and exergy analyses of the cycle
at various insulation thicknesses (i.e., 75, 100 and 125 mm)
and condenser and evaporator temperatures, according to the
largest cities of Turkey in different climatic regions. Graph-
ical presentations are shown to determine high-performance
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Table 1 Outside design temperatures in summer in the investigated

cities of Turkey [16,17]

City Dry-bulb Wet-bulb Soil
thermometer thermometer temperature
temperature (°C) temperature (°C) °C)

Erzurum 31 23 15

Istanbul 33 24 20

Ankara 35 21 20

Antalya 39 28 25

Diyarbakir 42 23 25

refrigerants for the preserved product’s specified evaporating
temperature of —6 °C. Also, condensing temperatures ranged
from 36-47°C, and the various ambient temperatures of
Erzurum, Istanbul, Ankara, Antalya and Diyarbakir ranged
from 31-42 °Cinthe cycle. In addition, the fundamental basis
and application of cold-room project design are discussed as
a sample case study for the simulation of a cold room under
specified operating conditions (see Table 1). Accordingly,
the main aim of this study was to analyze the single-stage
refrigeration cycle to show the differences in refrigeration
system components’ capacities based on the specified pre-
served product and various refrigerants. Thus, the use of less
energy for the refrigeration system can be obtained and effi-
ciency can be increased by determining the total irrevers-
ibility rates and rational efficiency values as a result of the
analyses. The specifications of low potentials of ODP and
GWP make investigated refrigerants preferable for use in
actual refrigeration systems.

2 Theoretical Computation Model

The ideal refrigeration cycle [13] shown in Fig. 1 was consid-
ered for the working substances that changed phases during
the cycle. Actual refrigeration cycle systems have some devi-
ations from the ideal one due to actual pressure losses due
to fluid flow and heat transfer exchange in the surroundings.
Cycle performance determination is performed to ease theo-
retical calculations by means of several assumptions: steady-
state operating conditions, negligible alterations of kinetic
and potential, an adiabatic (well-insulated) heat exchanger,
saturated liquid at the outlet of the condenser, saturated vapor
at the inlet of the compressor, neglect of pressure drops and
heat loss in the environment from evaporators and condensers
(see Fig. 1a), isenthalpic flow across the expansion valves and
the assumed isentropic efficiency for the compressor. Theo-
retical investigations were performed using REFPROP [14]
and SOLKANE [15] to determine the related physical prop-
erties of the refrigerant cycle states in accordance with the
various refrigerants. The superheated state of vapor exists at
the inlet of the compressor (see Fig. 1b). The pressure of the
liquid at the outlet of the condenser is lower than the pressure
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Fig. 1 The ideal vapor-compression refrigeration cycle a with P-h
diagram b for the performance analysis of alternative refrigerants

at the inlet. In addition, there is a greater-than-ideal pres-
sure drop between the condenser and the expansion valve,
whereas a larger pressure drop occurs in the evaporation line
in actual systems.

2.1 Case Study

In this study, the cold room was used for storing 100,000 kg
of pears, requiring preservation at a temperature of —1 °C
(—1.6 = -0.5°C), as recommended by the Intervention
Board for Agricultural Products in Turkey. The cold room’s
dimensions were 14 x 18 x 4.5m> (1,134m3) for the
preserved product in terms of the planning of efficient
preservation conditions in the room considering the prod-
uct blocks and forklift turnings. The relative humidity
of the cold room was set at 90% for pear preservation
(90-95%). The temperature difference between the cold
room and the evaporator was assumed to be 5 K. The evapo-
rator’s steady-state temperature was fixed at —6 °C in terms
of the preserved products. The ambient temperatures were
selected for the investigated cities, such as 31,33,35,39
and 42°C. Further, the saturation temperatures of the
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Table 2 The detailed specifications of the construction materials of the cold room
Material L (m) k(Wm~ K1) hi (Wm—2K™1) hg Wm—2K™ 1 K (Wm2K™1)
Outer walls
Tile 0.01 0.78 9 23 0.32
Internal plastering 0.02 0.87
Hollow brick 0.23 0.45
Polyurethane 0.1 0.041
External plastering 0.03 1.4
Inner walls
Tile 0.01 0.78 9 9 0.31
Internal plastering 0.02 0.87
Hollow brick 0.23 0.45
Polyurethane 0.1 0.041
External plastering 0.03 1.4
Floor
Terrazzo tile 0.035 1.05 8 00 0.33
Cement finish 0.03 1.4
Lean concrete 0.2 1.2
Polyurethane 0.1 0.041
Lean concrete 0.2 1.2
Blockage 0.15 1.74
Ceiling
Internal plastering 0.02 0.87 6 23 0.31
Polyurethane 0.1 0.041
Beton 0.2 0.65
Asphalt insulation 0.03 0.13
Door
Sheet iron (2 pieces) 0.004 46.5 9 23 0.56
Fagus 0.04 0.2
Polyurethane 0.05 0.041
Fagus 0.04 0.2
condenser were calculated as 36, 38, 40, 44 and 48°C.  QOr= Q11+ Q2+ Q13+ Q21 + 031+ O3 + 033
All assumptions regarding the investigated cities and pre- +034 + Qa1 + Qur + Qa3 + Qus 1)
served products were obtained from Duruk and Saribati [16],
QOcL = 1.101 (2)

whereas the conditions of Turkey were acquired from
Ozkol [17].

The system’s cooling load was calculated by means of
heat gained from all surfaces and the preserved products in
the cold room as shown in Eq.(1). The cold room’s heat
gained per hour was the sum of the following heat transfer
rates: the heat transfer rate from the walls surrounding the
cooled volume, ceiling and floor; the heat transfer rate from
air alterations; the heat transfer rate from the preserved prod-
ucts and the heat transfer rate from the heat sources in the
cold room. The unknown heat gains were usually considered
as shown in Eq.(2). A 10% increase was added to the total
value of the system’s cooling load, which was equal to the
evaporator’s heat rejection rate from the cold room. The heat
gains can be calculated respectively as follows:

The total heat transfer coefficient was calculated using
Eq. (3) as follows

1 1 L 1
—=—+ > —+— 3)
K~ h ék hq

The total heat transfer coefficient in Eqgs. (4, 6, 8) was modi-
fied according to the manner of heat loss for the walls, floor,
ceiling and door. Their construction materials are shown in
Table 2 for the insulation material with 100-mm thickness.
The temperatures of the cold-room system were considered
with a machine room (Toy 45 °C), an entrance (T,y) and an
office (Toyr — 8 °C). The floor (Tsi1) and the ceiling (Toy —
5°C) were examined according to the dry bulb temperature

@ Springer



1120 Arab J Sci Eng (2013) 38:1115-1130

. . 5 & - —_
Table 3 Infiltration rates to be added to the outside temperature due 1 ol ] 8 3 223883
to the effect of sun light [16,17] ‘i Ol @ @ @@ oo onnnn s <
Way/color East South West Plan glass £ E
—g Elo © ¥ a0 & n & ~ o n
Dark 4 3 4 10 2 Sl S o dadnadan I~ oD
¢ |[Fle===2doovevvor -
Normal 3 2 3 4 N
Light 2 g |2
< S
| Tl T T 0O 0 O~ = 0 O ™
Elma e ¥t E S xS ANV Q
Il d’)mmmmvmmwwwc\mmc\
i NN N N N NN N onoonoonoon
j=%
. . .. . S o
of the investigated cities (Toy) in Table 1. Whereas the tem- ] E
perature differences in these equations were calculated by J = R R
means of the related neighbor volumes’ temperatures, the I Slaiciaaaaadadaaaaa a
. . . | QI ¥ ¥ F ¥ F T &0 ma. 6o
infiltration rates from the sun light (see Table 3) were added [ —~
. ~ n [T SN
to the outside temperature (Toy). S = B nd ol aR23855%53824
- Zlwvw o v O T N O — > M
< Sl v 0 O X VN T S F < A A O O
” gl g2 2gcenm e >g D
Q
2.1.1 Heat Transfer Rate from the Walls (Q11) g —~
g z
|
g iﬁ[\m[\[\oo[\ﬁ-[\ln[\[\oo[\q-
The heat transfer rate from the total wall surfaces was deter- 5 T2l an@anN N 8o n @~ o
- . et £ |Tlgsggadggazsagg
mined for the inner and outer walls, whose directions were S IR IITIFTERIARIILIZIFEA
north, east, south and west, separately. The average heat con- £ _‘"
duction coefficient of the cold room’s walls was calculated 8 oy
2| S &2 8AFITTFESBEL
. 2lrTaased =<3 v o oo~
as follows: é Y ® VO O QN = = ¥ T O Vv XV A
wnltT N O O > >N T N T N N N
8 LS o\ BN o I o I o\ B o BN o\ N o\ NN o\ i o\ BN o\ BN o\ I o BN o\ BEN a\|
Qll = AoutKoutATl] (4) : TA
© 50
. . 2 2l oo =+t om0
where the temperature difference was the difference between 2} ZlT o = XY 9 o~
" : 2 |Z|sfé¢ecRerrigezds
the inside and outside temperatures. 2 Sldd 88 aadadddaadadd
= |7
ATy = Tou — T = vy
1 out mn ®) = 2l oo~ A~
! Z|® o @h oL n o dd g n S
» . £ |Zlesgascasfagzdss
In addition, the value of the average heat conduction coeffi- 5 e IIIFTSECLTTLTEER
. — — = —
cient was usually between 0.3 and 0.6 Wm > K~! = =
=
z TR @R QR dd DG
2.1.2 Heat Transfer Rate from the Floor (Q12) = 2|9 ENLLRYE R
E Ll - T T T nn o0ttt T noon
en —~
. g <
The heat gained from the floor of the cold room was cal- 5 g
culated in a similar way as that from the walls of the cold 2 2| RESHERIRTGEHEIE I
: 2 128382 grsIEsE2LE
room: § < |l n F A F S+ NN AT S noon
s |5
Q12 = AnKnATi2 (6) g g
o 5 s o < = s o <
.z = <+t =~ © < <+t =~ © < >
. . g |3l 9233S25892338 3
where the temperature difference was the difference between & | Mo [ -
the floor and inside temperatures. 3 1 O
27 S o
o
ATy =Ta — Tin OO -~ " |
z & E
s = & 5
a1 7 2
2.1.3 Heat Transfer Rate from the Ceiling (Q13) o & ¢ ;
59 s Z
The heat gained from the outside to the inside of the cold = 5 I
g . = =
room related to the surface of the ceiling was determined as E E & 2
< -
follows: -+ £ 2 =
2 & e =
= Il S
013 = AaKaATi3 ® E<101A 0

@ Springer



Arab J Sci Eng (2013) 38:1115-1130

1121

where the temperature difference was the difference between
the ceiling and inside temperatures.

AT;3 =Ty — T C))
2.1.4 Heat Transfer Rate from Air Alteration (Q21)

Some amount of heat transfer occurred when the door of
the cold room was opened to the outside or a place with a
different temperature than the inside of the cold room. This
situation brought an additional cooling load to the system,
which was calculated as:

021 = Hq V (hout — hin) pair (10)

where the air alteration coefficient (Hy) was assumed to be
1.7 times/24 h for this application.

2.1.5 The Heat Transfer Rate from Preserved
Products (Q31, 032, 033)

The cooling load from the preserved product can be evalu-
ated in three sections, which are summarized below briefly.
These sections depended upon the type of product. The spe-
cific heats of the pears before and after the freezing point
are 3.61 and 1.88kJkg~! K~!, respectively. The latent heat
of freezing and the heat of respiration are 277kJkg~! and
0.005Wkg ™! for pears.

First, the heat rejection rate from the preserved products
for the temperature above the freezing temperature was cal-
culated as:

031 = mCp1 ATs (11)

where the temperature difference was the same as in Eq. (5).
Second, the heat rejection rate from the preserved products
during the freezing temperature was shown as:

Q3 =mpl 12)

Third, the heat rejection rate from the preserved products was
calculated after the freezing process as:

033 = mCp3 AT33 (13)

where the temperature difference was the difference between
the freezing temperature and the temperature after the freez-
ing process.

AT33 =Tpp — Tagp (14)

2.1.6 The Heat Transfer Rate from the Heat Sources
in the Cold Room (Qa1, Q42, Q43, Q44)

The duration of the cooling process was planned to be 20h
a day. The human working time, in other words, the illumi-
nation time was assumed to be 2h a day for two individuals
working in the cold room. The illumination was performed

by four pieces of 100 W fluorescents. Each of four electric
engines had 780 W of power in the case study. The heat trans-
fers rates from the workers (Q41), illumination (Q42), elec-
tric engines (Q43) and electric heater with defrost (Q44) in
the cold room were determined respectively as:

Q41 = np 141 Qi (15)
Qu = Wity (16)
043 = nem W2 Qem 143 (17)
Qa4 = nen W3 Ftay (18)

2.2 Calculation Procedure for Energy Analysis

The state-point properties and results of energy equations
below are presented in Table 4 as a case study. The heat trans-
fer rate of the evaporator (Qevap) and refrigerant charge rate,
respectively, were calculated as follows:

OcL = Qevap =m(h; — hq) (19)
_ Qc
m = —hl—h4 (20)

The condenser capacity (Qcond) and isentropic compres-
sion work of the compressor (Weomp), respectively, were
expressed as follows:

Qcond = m(hy — h3) 2D
Weomp = m(hy — hy) (22)

The efficiency of a refrigerator is expressed in terms of the
COP. It is the ratio of the heat removed from the space to be
refrigerated to the work to be consumed to accomplish this
task. As the COP value rises, power consumption decreases.
It is obvious that this situation will help to reduce the environ-
mental pollution caused by power production systems. The
COP of the refrigeration system’s cycle can be determined
by the following equation:

COP = Qevap (23)

comp

2.3 Calculation Procedure for Exergy Analysis

Energy and exergy analyses were used in this subsection
to conduct thermodynamic performance comparisons. Many
researchers have proposed that the thermodynamic perfor-
mance of a process is best evaluated using exergy analysis
[18,19]. Exergy is the maximum amount of work that can be
produced by a stream or a system as it is brought into equi-
librium with a reference environment. It can be thought of as
a measure of the usefulness or quality of energy. Exergy is
consumed during real processes and conserved during ideal
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Fig. 2 Alteration of the refrigerant charge rate obtained by Eq.(20)
according to the investigated cities of Turkey and refrigerant types

processes. In general, energy and exergy efficiencies are cal-
culated as the ratio of the energy (or exergy) of the product(s)
to the energy (or exergy) of the input(s). The exergy balance
of the refrigeration system was calculated in a steady state.
Neglecting the kinetic, chemical and potential energies and
the balances of mass, energy and exergy were used for the
determination of heat input, rate of exergy loss and efficiency
of exergy in this study. The mass balance and exergy balance
equations are shown in the following equations:

dm=>m=0 (24)
in out
EQ—EW=Zme+Zme+I (25)

out in

where [ is the rate of irreversibility (or the rate of exergy
destruction, I = Tys), me is the exergy flow rate of work-
ing fluid, Eq is the rate of exergy of heat input, Ew is the
rate of exergy of power output and sy, is the rate of entropy
generation. The rate of heat exergy and the power exergy,
respectively, were defined in the following equations:
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Fig. 3 Alteration of the condenser capacity obtained by Eq.(21)
according to the investigated cities of Turkey and refrigerant types

Eo=o(1-1 (26)
Q= T

Ew =W (27)

The exergy rate at the state points in Fig. 1 was calculated as:

Ei = m [(hi — Tosi) — (ho — Toso)] (28)

The exergy analysis for each component of the refrigeration
cycle in Fig. 1 was summarized from Egs. (29) to (40). The
exergy rate balance, irreversibility and exergy efficiency for
the compressor (i.e., processes 1-2) are shown in Egs. (29),
(30), and (31), respectively.

me| = Ew + me; + Icomp (29)
Icomp =mTo(s2 — 51) (30)
E, — E; 31)
n =
comp Weom

The exergy rate balance, irreversibility and exergy efficiency
for the condenser (i.e., processes 2—3) are shown in Egs. (32),
(33), and (34), respectively:
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Fig. 4 Alteration of the compressor work obtained by Eq.(22)
according to the investigated cities of Turkey and refrigerant types

me; = EQ,cond + me3 + Ieond (32)

Ieona = m [(ha — h3) — To(s2 — s3)] (33)
E3

Ncond = E_Z 34

The exergy rate balance, irreversibility and exergy efficiency
for the throttling valve (i.e., processes 3—4) are shown in
Egs. (35), (36), and (37), respectively:

me3 = mey4 + Iy (35)
Iy = mTo(s4 — s3) (36)
E4
= 37
Nty E3 ( )

The exergy rate balance, irreversibility and exergy effi-
ciency for the evaporator (i.e., processes 4—1) are shown in
Egs. (38), (39), and (40), respectively:

Fig. 5 Alteration of the COP obtained by Eq.(23) according to the
investigated cities of Turkey and refrigerant types

me4 + EQ evap = M€ + levap (38)
Teyap = m [(hg — h1) — To(s4 — s1)] (39

- (40)
Ny = Ea

The total refrigeration cycle’s irreversibility rate can be
expressed as:

ItotaL = Icomp + Ieond + v + Ievap (41)

Efficiency defect is a significant parameter in analyses of
multicomponent thermal systems. Fractions of input are lost
through irreversibilities. They can be calculated as efficiency
defects [20] in Eq. (42):

Wcomp

5 42)

Detailed information on the subject of thermodynamics of
exergy analysis can be found in Bejan’s works [21,22].

Springer
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Fig. 6 Coefficient of performance (a—c) versus condensing temperature

3 Results and Discussion

This paper included a description of a theoretical model
and its application on the design of a cold room using Tur-
key as a case study. The investigated model can be used
to assess the completeness and effectiveness of cold-room
systems with regard to heat transfer and thermodynamics
analyses for the basic components of the single-stage vapor-
compression refrigeration cycle. The effective cooling of
approximately —40°C can be obtained with the use of a
single-stage vapor compression refrigeration system. Effi-
ciency begins to decrease at temperatures below —35 °C due
to a large difference between the evaporator and the con-
denser temperatures. The evaporating temperature was held
constant at —6 °C due to the preserved products. For that
reason, the single-stage vapor compression system was sup-
posed to correspond to the necessary performance issues. A
cascade refrigeration system should be utilized to work with
a lower temperature than —40 °C.

Thermodynamic efficiency is determined by first-law
energy analysis, which can be used to compare alterna-
tive cycles. The determination of COP is performed for
this purpose. Irreversibilities cause reductions in the cycle’s
COP, and the minimization of irreversibilities increases the

@ Springer
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cycle’s efficiency. These irreversibilities’ places as compo-
nents in the refrigeration cycle and their magnitudes can-
not be detected by first-law energy analysis. Second-law
exergy analysis can handle this problem. Stegou-Sagia and
Paignigiannia [23] emphasized that exergy analysis was a
dominant method in the design, optimization and perfor-
mance estimation of the refrigeration cycle.

The general characteristics of energy analyses are listed
in Figs.2, 3, 4, 5, which show either the effect of alterations
of outside temperatures in different cities or the effect of
the use of various refrigerants and alterations of insulation
thickness of the cold room on the refrigerant charge rate, con-
denser capacity, compressor work and COP. Figure 2 shows
that the refrigeration charge rate decreases with increases in
the insulation thickness. The highest use of refrigerant charge
rate was in the city of Diyarbakir, which has a higher outside
temperature than the other cities examined. Further, R410A
and R407C have the lowest refrigerant charge rate values
together with R22. Figures 3 and 4 show that the condenser
capacity and the compressor work have a similar pattern. That
is, they decrease with increasing insulation thickness from 75
to 125 mm and increase with increasing outside temperatures
of the cold room from 36 to 47 °C or condenser temperatures
from 36 to 47 °C. Figure 5 shows the alteration of COP values
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Table 7 Irreversibility rates for the stated values of T¢ong for the comparison of investigated refrigerants at the fixed temperature of
Tcr = —1°C, Tevap =—6°C, ATsubcooling =5°C, ATsuperheating =5°Cand Necomp = 0.8

Investigated cities Teond (°C) Qevap (kW) Total irreversibility rates (kW)
of Turkey
R12 R22 R134a R407c R410a R404a R507

Ta = Tout
Diyarbakir 47 40.25 0.52389 0.53257 0.53575 0.55199 0.5822 0.60144  0.60970
Antalya 44 38.88 0.48495 0.49298 0.49445 0.50884 0.53341 0.54746  0.55369
Ankara 40 34.34 0.43573 0.44302 0.44272 0.45473 0.47359  0.48268 0.48680
Istanbul 38 33.25 0.41206 0.41895 0.41803 0.42915 0.44559  0.45277 0.456
Erzurum 36 31.18 0.38903 0.39557 0.39406 0.40437 0.41867 0.4243 0.42689

To =25°C
Diyarbakir 47 40.25 0.63177 0.64045 0.64359 0.66109 0.69008 0.70934  0.71751
Antalya 44 38.88 0.573778 0.581812  0.583263 0.598689  0.62224  0.63632  0.642473
Ankara 40 34.34 0.49918 0.50647 0.50617 0.51890 0.53705 0.54616  0.55022
Istanbul 38 33.25 0.46282 0.46972 0.46879 0.48049 0.49636  0.50356  0.50673
Erzurum 36 31.18 0.42711 0.43364 0.43213 0.44288 0.45675 0.46240  0.46495

with the investigated refrigerants. COP was found to increase
with decreasing outside temperatures or condenser temper-
ature. In addition, the insulation thickness of the cold room
has no significant effect on the COP of the refrigerant cycle.
R12 and R22 have the highest COP values, whereas R404A
and R507 have the lowest values.

Cycle performance can be improved by the subcool-
ing and superheating application. In this paper, the effects
of the degree of subcooling and superheating were calcu-
lated respectively. A comparison was made between the
superheating/subcoolingcase in Fig.lb with the non-
superheating/subcooling case in Fig. 1a. It is illustrated from
Fig.6a—c for the investigated refrigerants. Figure 6 shows
the effect of assumed values of superheating, subcooling
and compressor efficiency cases on the COP step by step.
The ideal situation for the single-stage refrigeration cycle
is presented for comparison in Fig.6a. The case of sub-
cooling and superheating, assuming that compressor isen-
tropic efficiency was 100 %, caused increase in COP (see
Fig.6b). The improvement was due to the increase in the
compressor inlet temperature, which increased the compres-
sor power (Weomp) and performance coefficient. The cycle
performance was affected by the subcooling more than the
superheating. On the other hand, Fig.6¢c shows that com-
pressor isentropic efficiency was more dominant than the
subcooling and superheating cases on COP. In a real system,
compressor isentropic efficiency is a function of the evapora-
tor and condenser pressures. The real refrigerating capacity
and COP can be calculated if the efficiency of the compres-
sor is known. The refrigerating capacity is influenced by the
volumetric efficiency and COP by the isentropic efficiency.
Despite the increase in COP by means of the subcooling and

superheating cases in Fig. 6b, the assumed compressor isen-
tropic efficiency caused decrease in COP values lower than
those in Fig. 6a, b.

From Tables4, 5, 6, 7, significant parameters of cycle per-
formance under different conditions are calculated as case
studies of the investigated refrigerants for the same evap-
oration temperature related to the preserved products. In
addition, the evaluation of cycle performance results under
different working conditions was consistent with those under
real working conditions.

Table4 shows a case study to determine the characteristic
parameters of the energy analyses for the specific conditions
of selected Turkish cities. Diyarbakir had the highest out-
side temperature and condenser temperatures (42 and 47 °C,
respectively). Erzurum had the lowest outside temperature
and condenser temperatures (31 and 36 °C, respectively).
Ideal conditions for the components of the refrigeration sys-
tem were used to show the effect of the use of various refrig-
erants on the required refrigerant charge rate, capacity of the
condenser, required compressor work and COP for a constant
insulation thickness of 100mm and a constant cooling load
(i.e., a constant evaporating temperature). As a result, the
high performance refrigerants were put in order according
to their COP values. As seen in Table4, traditional refrig-
erants have higher COP values than alternative refrigerants.
The refrigerant charge rates of R134A, R407C, R410A and
R404 A are similar to that of R22, whereas R507 has the low-
est COP value and highest refrigerant charge rate. The com-
parison of the refrigeration systems in the cities of Erzurum
and Diyarbakir demonstrates the effect of the outside tem-
perature on the preservation of the same product in a cold
room. The low outside temperature condition (Erzurum) has

@ Springer
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Fig. 7 Totalirreversibilities versus refrigerant charge rate for all inves-
tigated cities at the fixed temperature of Tcr = —1°C, Tevap =
—6°C, ATubcooling = 5°C, ATguperheating = 5°C and neomp =
0.8, Tp =25°C

higher COP values and lower refrigerant charge rate values
than the high outside temperature condition (Diyarbakir) in
the case study.

Tables5 and 6 illustrate the difference in the use of ref-
erence temperature and its effect on each component of the
refrigeration cycle. First, the reference temperature was equal
to the outside temperature of the cold room (see Table 5)
and assumed to be 25 °C, which is commonly done in the
literature. As a result, the losses in the evaporator seemed
important with their large and constant values apart from the
others. In addition, exergetic efficiencies of the condenser
and throttling valve were found to be higher than those of
other components. Tables 5 and 6 also show the exergy per-
formance of the investigated refrigerants for each component
of the refrigeration cycle.

The irreversibility rates of all the investigated refrigerants
were plotted against the refrigerant charge rates in Fig.7,
according to the alteration of the reference temperature. The

@ Springer

largest irreversibility rate and refrigerant charge rate were
seen in R507 and R404A. As shown in Fig. 7, the refrigerant
charge rate increased with the irreversibility rate. Moreover,
when the reference temperature was assumed to be 25 °C,
as shown in Fig. 7a, the irreversibility values were found to
be higher than of those in Fig. 7b, which shows the reference
temperature as the outside temperature of the cold room. This
situation regarding the increase in irreversibility values can
also be clearly seen in Table 7. That is, the total irreversibility
rates increased with increasing condenser temperatures.

The efficiency defects in the components of the refrigerat-
ing cyclein Fig. 1 are shown in Fig. 8 for all of the investigated
refrigerants. The maximum efficiency defect was found in the
evaporator in comparison to other components, followed by
the condenser, compressor and refrigerant expansion valve.
The efficiency defects for R407C and R410A were also the
maximum values in the evaporator. These findings associated
with the efficiency defects indicate that design improvements
of components are needed to enhance the exergetic efficiency
of the single-stage refrigeration system.

The thermodynamic analysis of CFC-12, HCFC-22 and
their alternatives, such as HFC-134A, HFC-404A, HFC-
407C, HFC-410A and HFC-507 was studied by both the
first and the second laws of thermodynamics using the sin-
gle-stage vapor-compression refrigeration cycle. The anal-
ysis was performed on each of the system components to
determine their individual roles in the overall system of irre-
versible losses. Most of the losses were found to be due to
the evaporator. The irreversibility of the condenser was also
significant.

4 Conclusion

A thermodynamic energy and exergy analysis to optimize
a single-stage vapor-compression refrigeration system to
be used for a cold-storage application was presented in
this paper. Its fundamental issues were discussed in detail.
Many case studies with different theoretical conditions were
described to determine the optimum operating conditions for
the preservation of pears.

The proposed model provided a useful procedure for the
cold-room project design. It is expected that it will be a
beneficial source for researchers interested in the topic of
refrigeration and air conditioning. The results of this study
are of technological importance for efficient design when
cold-room systems are assigned to utilize various alternative
refrigerants in different regions of Turkey.

An ideal vapor compression refrigeration system was
used for the performance analysis of alternative new refrig-
erants as substitutes for CFC-12, HFC134A and CFC-22.
Considering the comparison of COP and refrigerant charge
rates of the tested refrigerants, refrigerants of R407C and
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Fig. 8 Pie chart of efficiency defects of the investigated refrigerants belong to Ankara city for a condenser temperature of 40 °C and the fixed
temperature of Tcr = —1°C, Tevap = —6°C, ATgubcooling = 5 °C, ATguperheating = 5 °C and neomp = 0.8, T, =25°C

R410A were found to be the most suitable alternatives among
refrigerants tested for R12 and R22, respectively. The COP
of the system decreased with increasing condensing temper-
ature for a constant evaporating temperature in the analy-
sis. All systems were improved by analyzing the effect of
the superheating/subcooling case. Further, the effect of com-
pressor efficiency on COP was also discussed in various case
studies.

The analysis of the single-stage vapor-compression refrig-
eration cycle’s performance by the exergy method illus-
trates the utility of this method. Employing the concept of
efficiency defect enabled the ratios of input lost through
irreversibilities and demonstrated the components of the
refrigeration system needed to optimize the specified preser-
vation conditions of the product. A large amount of exergy
is wasted during the working of the system, which decreases
the exergy efficiency of the refrigeration system.

There is not any refrigerant that meets all of the necessary
requirements due to the changes in the thermodynamic phys-
ical properties of the refrigerant. The thermo-physical prop-
erties, such as performance and efficiency, limitations and
restrictions related to safety, environmental impact and asso-
ciated legislation, are the most significant factors in choosing

anew refrigerant. Low viscosities of liquid and vapor phases,
high liquid specific heat, high thermal conductivities of liquid
and vapor phases, high latent heat, and limited temperature
glide are the desired thermo-physical properties of refriger-
ant/refrigerant mixtures.
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